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ABSTRACT

Commercial Heavy vehicles (CHVs) are an efficient
and reliable link between marine, railroad, and air trans-
portation nodes. The vehicle braking power imposes an
important constraint in the allowable vehicle speed. The
compression brake augments the vehicle retarding power
and is currently typically used as an on-off device by ex-
perienced drivers. Hardware and software advances al-
low modulation of the compression brake power through
variable valve timing, and thus, enable integration of the
compression brake with service brakes. To analyze how
much the compression brake affects vehicle speed dur-
ing braking, we develop a crank angle engine model that
describes the intrinsic transient interactions between in-
dividual cylinder intake and exhaust gas process, tur-
bocharger dynamics, and vehicle dynamics during com-
bustion and variable brake valve timing. The model is
validated using experimental data. Using system identifi-
cation techniques we develop low-order mean-value models
appropriate for control analysis and design.

1. INTRODUCTION

Over the last ten years, there has been a significant
improvement of the reliability and efficiency of the com-
mercial heavy vehicle (CHV) powertrain. This transfor-
mation is primarily achieved by using lightweight mate-
rial, by reducing aerodynamic drag and frictional losses,
and by using electronic engine controls. Fleets regularly
choose diesel engines for their powertrains because they
use very lean mixtures of fuel and air. In addition, diesel
engines operate without a throttle, which means that no
intake manifold vacuum is required. The lack of manifold
vacuum allows the piston to “free-wheel” since it does not
have to work against the manifold vacuum during the in-
take stroke. This contributes to the increased fuel econ-
omy associated with diesel engines, but on the other hand,
it does not provide means for decelerating the moving en-
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gine parts. Increase in operational vehicle speed combined
with decrease of the natural retarding capabilities in mod-
ern powertrains creates challenging braking requirements.
Engine and truck manufacturers have responded to the
need by developing additional retarding mechanisms.
Compression braking is based on inhibiting fuel in-
jection, altering the existing exhaust valve opening, and,
thereby, converting the engine into a compressor. In that
mode, the engine acts like a energy sink [2], because
the crankshaft kinetic energy is used to compress the air
during the compression stroke. Close to top-dead-center
(TDC), the compressed air is released to the exhaust man-
ifold or to a storage plenum through an engine valve. The
process is depicted in Fig. 1. We call this secondary open-
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Figure 1: Schematic drawing and traces of piston motion and
valve lift profiles.



ing of the exhaust valve the braking event, and the cor-
responding valve timing for brake valve timing, ve,. In
existing systems, such as the ones designed by Jacobs,
Pacific Diesel Brake, and Cummins, the exhaust valve is
used for both braking and exhaust events. However, the
lift profile for the exhaust valve is considerably different
for the two events, as shown in Fig. 1. For simplicity,
we call the braking event profile of the exhaust valve the
“brake valve”.

The activation of the brake valve is typically achieved
through a master-slave hydraulic system. The exact pro-
file and timing for the brake valve is designed to maxi-
mize the braking power, i.e., to generate the highest peak
cylinder pressure. Important braking effort limits are im-
posed by constraints in component loading and clearance
between the brake valve and the piston motion.

Fig. 2 illustrates the valve timing events plotted in
a P-V diagram. This diagram shows the engine opera-
tion during conventional 4-stroke cycle operation (dotted
line) and the 4-stroke cycle operation during compression
braking (solid line). The piston work is positive during
conventional combustion mode and negative during com-
pression braking mode. The diagram is generated using
outputs from the developed model during steady-state en-
gine conditions. Note here that steady-state conditions
are defined in a cycle-averaged sense. The engine is con-
sidered at steady-state even though its crank angle based
behavior is periodic with one firing or braking cycle as the
period.
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Figure 2: Cylinder pressure versus cylinder volume during
combustion (dashed), and braking (solid) mode.

The information attained from Fig. 2 is used in static
vehicle stability analysis. Integration of the compression
brake with the service brakes is currently addressed only
during steady-state operation based on the vehicle char-
acteristics shown in Fig. 3. The figure shows a steady-
state map of vehicle kinetic power versus speed during
braking on a downhill grade (dashed line). The overall

retarding power with (solid line) and without (dash-dot
line) compression brake is also shown. The point of inter-
section of the generated power with the retarding power
defines the equilibrium descent speed or vehicle control
speed, V. The existence of an equilibrium speed within
the engine safe speed limits demonstrates that a vehicle
equipped with a compression brake can proceed down a
grade without using service brakes. A vehicle without a
compression brake, on the other hand, has to use service
brakes to proceed down the grade in a safe and controlled
manner.
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Figure 3: Vehicle braking power versus speed during a descent.

Fig. 2 and 3 are very informative and have extensively
been used for actuator component design. However, the
figures only show static behavior, hence, they do not pro-
vide any information of the transient behavior of the sys-
tem. The brake valve timing affects both the maximum
braking effort and the speed at which this maximum ef-
fort is achieved. The delays and time constants of the
brake actuators, coupled with the dynamic response of
the turbocharged engine, can impose severe limitations
on the stability of the vehicle velocity. Nowadays, these
limitations are primarily treated by predictive action of
trained drivers. Identifying the bandwidth of the com-
pression brake for different engine and drivetrain oper-
ating conditions is important for the design of safer and
faster commercial heavy vehicles.

2. VEHICLE MODEL

A lumped parameter approximation of the vehicle ro-
tational dynamics shown in Figure 4 can be used to de-
scribe the vehicle longitudinal dynamics during compres-
sion braking:

dw,
dt
where w, is the engine rotational speed, Jr is the total ve-

hicle inertia reflected to the engine shaft, Fg = Mgsin(G)
is the force due to road grade, 3, and F, = uMgcos(3) is

Jr

:Ter+rg(Fﬂ_Fr_quT_Fsb)a (1)



the rolling resistance due to the tire-pavement interface co-
efficient, p. Furthermore, F 4, = CV_2 is the force due to
friction, aerodynamic resistance, and other quadratic re-
sistive terms. Finally, T'Q)¢p is the engine torque absorbed
from the shaft during compression braking and Fy; is the
friction brake force applied on the wheel rim. The total
gear ratio ry, = g:g”fd includes the transmission and final
drive gear ratio, g¢, and g4, respectively, and the wheel
diameter, ry,.
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Figure 4: Open loop block diagram of the vehicle model.

The conventional friction brake force on the wheel can
be modeled using a static nonlinear function of the ap-
plied pedal force, or simpler, the pedal displacement, vy,
(for details see [4, 12, 14]), and a first order differential
equation with a time constant, 74, and a delay, tg, that
are nonlinear and uncertain functions of temperature and
brake conditions.

dFg 1

dt (t+tsb) = a( :b_Fsb(t+tsb)) (2)

s = fep(vsp)- (3)

It is well known that the service brakes have weak DC
authority because of overheating. The current practice of
“snubbing” the service brakes (application of high pres-
sure pulses) rather than “dragging” (application of a con-
stant low pressure) exemplifies their low DC authority [3].
On the other hand, the compression brake is a powerful
actuator in steady-state with unknown bandwidth. Its
steady-state retarding ability is maintained for long peri-
ods due to the heat dissipation through the engine cool-
ing system. Identifying the bandwidth of the compression
brake for different engine and drivetrain operating condi-
tions, requires a detailed crank angle based engine model.
The compression brake torque on the crankshaft, TQ.,
can be calculated using a static nonlinear function of en-
gine variables and a first order differential equation with
a time constant, 7.5, and a delay, tp.

T4t 10) = (TQ~TQult + 1) (@
Teb
TQ:b = feb(whveb) (5)
tw] _ [ 7
I 5 O

The static nonlinear brake torque, T'Q},, is a function of
engine speed, w,, and the brake valve opening, ve;. The

time constant, 74, and the delay, ¢4, also depends on the
engine speed and the brake valve opening.

Based on simulation of the crank angle based model
(see Section 7., Fig. 18) we characterize the variable com-
pression brake torque model (see Section 8.). The re-
sults agree with the existing steady-state data in literature
[6, 7, 8]. Specifically, increased engine or turbocharger
speed increases the braking torque and, more importantly,
it affects the time constant of the braking actuator (i.e.,
how fast the actuator becomes effective). Boost pressure
affects positively the braking torque. Last but not least,
brake valve timing affects the braking torque. The crank
angle model developed below allow us to understand the
intricate dynamic phenomena during the transition from
combustion to braking.

3. CRANK ANGLE BASED MODEL

Evaluation of the dynamic system response requires
an accurate yet simple model of the cylinder-to-cylinder
gas exchange process and combustion. During compres-
sion, the working fluid is the air (no combustion), there-
fore, thermodynamic models are generally accurate. In
the following sections we document the mathematical
model that describes the engine operation during com-
bustion mode (dashed line in Fig. 2), during braking mode
(solid line in Fig. 2), and during transition from one mode
to the other. We also consider the engine response to
changes in crankshaft speed and brake valve timing. Anal-
ysis of the braking effort for changes in valve timing sheds
light into a variable retarding mechanism that potentially
can be integrated with the service brakes.

The inputs to the model are: (i) fuel flow, (ii) engine
speed, and (iil) brake valve timing (fixed duration and
profile). The model is capable of representing transitions
from combustion to braking by cutting-off the fuel injec-
tion and initiating the brake event. The crank angle rep-
resentation allows us to capture the cylinder-to-cylinder
interactions and the in-cylinder pressures that dictate the
dynamic phenomena during the transition from combus-
tion to braking. Based on the crank angle based model,
we derive a mean-value representation of both the steady-
state and the dynamic characteristics of the compression
brake mechanism. The mean-value representation is used
for control design and integration with the vehicle dynam-
ics and service brakes. Further control development will
be tested on the crank angle based model.

The nonlinear dynamic engine model consists of static
elements (described by empirical equations), and dynamic
elements (described by physically based equations). The
parameters of the nonlinear static relations are deter-
mined by regression analysis of data collected from an
experimental engine equipped with a compression brake
mechanism. The simulation model is implemented on a
Simulink/Matlab environment using C-coded S-functions.



3.1. STATE EQUATIONS, PLENUMS

The intake and exhaust manifolds and cylinders are
modeled as plenums with homogeneous pressure and tem-
perature distributions. The plenum model is based on the
principles of the conservation of mass and energy, and the
assumption of the ideal gas law, pV = mRT.

To summarize our notation, masses are defined by m,
pressures, p, temperatures, T', flows, W, efficiencies, 7,
powers, P, volumes, V. We use the subscript ¢ for com-
pressor, ¢ for turbine, ¢ for the intake manifold, ey, e,,
and e, for the front, rear, and collector exhaust manifold,
respectively. For cylinder j, we use cyl;, where j =1...6.
The flow from control volume z to control volume y is
denoted by Wy,.

The gas properties in the intake manifold and the rear,
front and collector exhaust manifolds are represented by
two states: mass (m;, Meyg, Mer, and me in kg), and
pressure (p;, Pe;, Pe,., and p,, in kPa). See Fig. 5 for
a schematic of the engine and definitions of the plenums.
The equations for the gas filling dynamics are derived on
the basis of the total gas mass balances and the ideal gas
law:
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Figure 5: Schematic drawing of the engine and its control
volumes.
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where W, and T, are the compressor mass flow (kg/s) and
temperature (K), respectively (see Section 3.4.). Wicy, is
the mass air flow (kg/s) from the intake manifold into
cylinder j, while W,y ; is the backflow (kg/s) from cylin-
der j into the intake manifold (see Section 3.3.). T; and

T,y, are the intake manifold temperature (K) and the
temperature for cylinder j, respectively. The tempera-
tures are calculated based on the ideal gas law and the
mass and pressure states in these control volumes.

Similarly, the state equations for the front exhaust
manifold dynamics describe the rate of change of mass,
me,, and pressure, p,,, for that plenum.

dm 3 3

dtef = Z Weytse, — Z Weseyt; = We 9)
j=1 j=1

dp R 3 3

L = ZTcylecyljef - ZTEfWEfC’ylj
dt Ve, |4 ;
Iolj=1 =1

_TefWefec] ’ (10)

where Wy, is the mass air flow (kg/s) out of cylinder
j into the front exhaust manifold. This flow is calculated
based on the flow through restriction equations (see Sec-
tion 3.2.) and a constant orifice equation based on geo-
metric data. Furthermore, W; is the turbine mass flow
(kg/s) (see Section 3.4.), V¢ is the exhaust manifold vol-
ume (m?), and T,y is the front exhaust manifold temper-
ature (K). The state equations for the rear exhaust man-
ifold mirror the equations for the front manifold directly.
The state equations for the exhaust collector manifold, on
the other hand, are given by:

dm
766 = VVefec - Wecef + VVerec - Wecer - (11)
d; R
% - V. [TEfWEfec - TecWEcef T T, We,e.
€ec

_TecWecer - Teth] ’ (12)
where W; is the flow through the turbine (kg/s).

The state equations for the cylinder states, mass,
Meyi;, and pressure, Py, include the time varying cylin-
der volume, V., and a heat transfer and release descrip-
tion.

dmicyr,
djfy == Wieyt; = Weyt;i = Weytje + Weey (13)
dpeyi; Y
—RTeyi;Weyi;e + RTWeeyi;, — chljpcylj)
-1
+7—Wafbj Qihv, (14)
chlj

where we, for simplicity, have coupled the front, ef, and
the rear, e,, exhaust manifold into one variable, e. We
calculate the released heat based on the apparent fuel burn
rate, Wy (kg/s), and the lower heating value of light
duty diesel fuel, Qipy, (J/kg). In the calculation of Wy sy,
we have coupled the heat transfer. Thus, the integral of
the apparent fuel burnt rate over a cycle is less that the



averaged mass fuel injected, vy.

Waso; Qine = Wi, Quno + Qne
AT

Wafbj dt < UfAT,

(15)

(16)
0

where Qp: is the heat transfer, and vy is the cycle (AT)
averaged fuel flow (kg/s). The fuel burn rate, Wy, is
calculated using the Wiebe approximation of the heat re-
leased during the premixed and the diffusion period of the
combustion (see Section 4.).

The cylinder volume, V,y;, (m?) is a functions of the
crank angle (6):

1
chlj Vcl |:1 + 5(7’6 - 1) (RT + 1 —cos 0]'—
\/ R2 — sin® Gj)] (17)
N :
0; = (%360 -1+ 120- ]) mod 720°, (18)

where V.4 is the maximum cylinder displacement volume
(m?), Vi is the cylinder clearance volume (m?®), and N,
is the engine speed in RPM. The engine has six cylinders,
and therefore, a separation of 120 degrees between each
cylinder, expressed by 120 - j.

3.2. FLOW THROUGH RESTRICTION

A quasi-steady model of flow through an orifice is used
to derive the mass air flow through all of the exhaust re-
strictions and the cylinder valves. The quasi-steady rela-
tion of the air flow through a restriction is based on the
assumptions of one-dimensional, steady, compressible flow
of an ideal gas [5, 11]:

W = CdAv‘Il(pdapuaTu)a (19)

where W is the general mass air flow (kg/s), Cy is the
discharge coefficient, A, is the flow area function for the
valve, and C A, is the effective flow area for the valve.
The term ¥ is the standard orifice flow function that de-
pends on the downstream pressure and temperature, pq,
and Ty and upstream pressure and temperature, p, and
Ty:

Pu_y (2d ifpd <p
‘Ij(pdapuaTu) — { RT, O(pu) lfpd ; pu
us

o

(20)

with

~

=T
where ¢, = ('v%) is the critical pressure ratio across

the orifice.

3.3. VALVE FLOW

The mass air flow from the intake manifold into cylin-
der j, Wicy,, is calculated using previous Eq. 19-21:

Wicylj fiv (lw (0)) . ‘Ij(pcylj s D1, Tl)

(22)
The effective flow area through the intake valve, f;, =
CyA;y, is calculated using crank angle data of the intake
valve lift, /;,(€). Both maps are given by the engine man-
ufacturer.
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Figure 6: The intake valve lift versus crank angle.
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Figure 7: The intake effective flow area versus valve lift.

Similarly, the flow through the exhaust valve is given
by:

chlj e

fev (lev (0)) : ‘Ij(peapcyljaTcylj)a (23)

where the exhaust valve map f., = CyA¢, is a function
of the exhaust valve lift map, l.,, and is provided by the
engine manufacturer.

The brake valve is, technically speaking, the same as
the exhaust valve. The only difference is the valve lift
profile. This means that the flow through the brake valve
is given by Eq. 23, where [, () is replaced by Iy, (6, vep)-
Again, this valve lift is provided by the engine manufac-
turer.
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Figure 8: The exhaust and brake valve lift versus crank angle.
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3.4. TURBOCHARGER DYNAMICS

The turbocharger state equation consist of the rate
of change of the turbocharger speed, Ny, based on the
conservation of energy on the turbocharger shaft:

dN;, _ P, —P,
dt B ItcNtc ’

(24)

where P, is the turbine power, P, is the compressor power,
and I;. is the mass polar moment of inertia of the tur-
bocharger. P, and P, are calculated based on an ideal
adiabatic process, and steady-state data provided by the
turbocharger manufacturer.

In particular, turbine maps, f,, and f;, are used to
determine the mass air flow, W; and the efficiency, ;.
Both turbine maps are functions of turbocharger speed,
Ny, and pressure ratio, ¢, across the turbine.

159
Pt = WtcpntTQ (1 - T'_t > (25)
Wi fto (Nie, 7t) (26)
e = ftr, (Nte,7t) (27)
D2
T = —,

Do

where py is the ambient pressure, and ¢, is the specific
heat capacity for constant pressure.

Low Speed

e}

High Speed

Turbine Mass Air Flow

Pressure Ratio

Figure 10: Map for turbine mass flow, W;.

High Speed |

Turbine Efficiency
T
N

5

=

g

3

3

g

Pressure Ratio
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Similarly, using data from the compressor maps we ob-
tain the compressor characteristics given in the following
equations:

P, = WCTOZ—” (r,(;j;_)—l) (28)
W, = fcw (Ntcarc) (29)
Ne = fcr, (Ntcarc) (30)
P
re = —
Po

where f., is the compressor map for mass flow, and f,
is the map for the compressor efficiency, .. Both of these
maps are functions of turbocharger speed, Ny, and pres-
sure ratio, r., across the compressor.

4. APPARENT FUEL BURN RATE

The apparent fuel burn rate is identified based on
cylinder pressure data and modification of Eq. 14 for zero
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flow into and out of the cylinder:

1 dVey dpeyt
Wa = A /.y c — + Vc £ ) .
= Gt (P Vo (31)

We assume here that heat capacities are constant and cou-
ple the heat transfer to the calculation of an effective or
apparent fuel burn rate. We stress that the apparent fuel
burn rate we calculate in Eq. 31 is less than the actual
fuel burn rate because we for simplicity assumed zero heat
losses.

The apparent fuel burn rate curves for ten speed and
load points are used to develop a crank angle functional
approximation. Two Wiebe basis function have been com-
bined to capture the premixed and the diffusion burning:

Wapp = maz (Wffb,Wffb) (32)
Wy = Cukas (kar + 1) 65 exp (—kd20§kd1+1>)(33)
WPy = Cpkpokp (1—68) 527V glmtt) - (34)
The variables 84 = 9190;“ and 8, = 91%’:“ are defined over

the diffused combustion duration, Afy, and the premixed

combustion duration, Af,, respectively. To simplify the
data fitting, we assume that both premixed and diffused-
based combustion start at the same time, i.e., at start of
combustion, #,,.. Using the max function in the combi-
nation of the two curves in Eq. 32 resolves the two dis-
tinct starts for premixed and diffused-based combustion,
as shown in Fig. 14. The start of combustion is computed
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Figure 14: Combustion analysis and apparent fuel burn rate.

based on the start of injection 8s,; and the ignition delay
Ab,:

0800 = 080’i + A00 (35)
The six coefficients C’s and &’s, the two combustion mode
durations, A@’s, and the ignition delay A8, are identi-
fied and regressed on fuel injected, vs, and engine speed,
N, using the ten available data points. A good compro-
mise between data overfitting and small prediction errors
is achieved with polynomials of second order in fuel flow
and first order in engine speed for all variables.

The start of injection f,;, is also regressed based on
fuel input and engine speed. Although, this does not give
us the flexibility to use the injection timing as another
model input, it allows us to maintain the simple combus-
tion analysis in our model. The predicting ability of the
developed model in fuel injection timing changes can be
examined in future work.

5. SHAFT TORQUE

The torque produced at the crankshaft during com-
bustion, or, transmitted from the crankshaft during brak-
ing, TQcyt;, is calculated based on the individual cylinder
pressure and piston motion using the idealized slider-crank
mechanism [13]:

TQcylj =
Deyt; #7‘ sin(f;) |1.0+ & cos(8;)

1.0—( % sin(6;))” (36)



where B is the cylinder bore (m?), r is the crank radius
(m), and L is the connecting rod (m).

The shaft torque is calculated by the summation of
the individual cylinder torque. The average torque from
the piston to the shaft during combustion is positive and
the averaged torque from the shaft to the piston during
braking is negative. Defining positive and negative torque
allow us to seamlessly integrate the combustion mode and
the braking mode and use the fuel flow and brake valve
timing, [vs,vep] as one actuator (see Section 7., Fig. 22).

6. MODEL VALIDATION

Only steady-state data, collected in an engine-
dynamometer facility are available for the experimental
engine. Thus, we validate the steady-state cycle model
behavior by comparing modeled and measured cylinder
pressure. The validation plots during combustion mode
and braking mode are shown in Fig. 15 and 16. The
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Figure 15: Comparison between the modeled and measured
cylinder pressures for combustion operation.

mean-value prediction results are also compared with the
engine data indicating less than ten per cent error in pre-
diction of the steady-state behavior. Fig. 17 shows the pre-
dicted and measured power for the ten combustion data
points we have, including maximum power for different
engine speed (max power curve) and power for different
fueling levels for N, = 1600 RPM. The comparison of the
engine retarding power (measured and predicted) for the
nominal brake valve timing is also shown in Fig. 17 for
different engine speed.

7. SIMULATION RESULTS

The engine model has been implemented in Mat-
lab/Simulink with S-functions. It has 23 states with sig-
nificantly different rates of convergence (stiff system) and
multiple discontinuous functions that have been imple-
mented with if-then-else statements. The stiffness and

Braking: 1300 RPM
T T T

Simulated
Measured |

400 500 600 700 800 900 1000

Braking: 1500 RPM
T

Simulated | 4
Measured

400 500 600 700 800 900 1000
© [deg]

Pcyl [bar]
n @
=] S

T T

Figure 16: Comparison between the modeled and measured
cylinder pressure for braking operation.
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Figure 17: Comparison between predicted and measured
mean-value shaft power.

discontinuity are handled satisfactory with the ode23s in-
tegration algorithm (one-step solver based on a modified
Rosenbrock formula) within Matlab. Simulation of the en-
gine model during a transition from combustion to braking
is shown in Fig. 18. The simulation is performed at con-
stant engine speed 1600 RPM as the first subplot on the
left indicates. The last plot in the right column shows the
fuel flow command. One can clearly see the fuel cutoff at
the fifth cycle. At that point, the software is implemented
to run with zero fuel (motoring) for one cycle before it
opens the brake valve at 685 degrees. This brake valve
command is shown in the last plot in the left column of
Fig. 18. The model has been implemented with one cycle
delay between the combustion and the braking mode to
avoid extrapolation errors. It is shown that if we do not
introduce this delay in the transition process the turbine
efficiency drops below 0.2 which is outside the model re-
gion of validity. The delay can be viewed by observing
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Figure 18: Simulation response during transition from com-
bustion to braking.

the trace of cylinder pressure in the third plot of the left
column.

The traces of intake and exhaust manifold pressure,
as well as the turbocharger speed, demonstrate the im-
portance of the turbocharger dynamics in predicting the
transient torque response. The instantaneous torque re-
sponse is shown in the fourth plot in the right column.
One can see that the time necessary to transition from
the steady-state combustion mode to steady-state brak-
ing mode is approximately equal to ten cycles. It is
also evident that a first order lag will not be adequate to
capture the mean-value behavior. Detailed analysis and
signal processing of the simulation data follow in the next
section. However, the above rough estimate of settling
time indicates that the actuator dynamics will dominate
the engine dynamics. Currently, the conventional devices
have a fixed delay of 0.6 s, which is necessary to pump-
up the system’s hydraulic pressure sufficiently to open the
brake valve against the high cylinder pressure. For com-
parison, we state here that conventional friction brakes
that are pneumatically actuated, typically have 0.3 s de-

lay, and a pneumatic pressure transient of 0.5 s.

The plots clearly show that interactions between the
compression braking and the turbocharger dynamics are
important to the retarding performance of the engine. Re-
cent work by Hu et al. [6] emphasize the importance such
interactions. Dynamic coupling between the compression
effort and the turbocharger power determines the engine
response during the transient operation of switching back
to the conventional power generation mode. In [7], they
report that the maximum turbocharger speed is lower dur-
ing compression braking than it is during operation with
combustion. On the other hand, the turbine accelerates
faster during compression braking than during an increase
in fuel level. Another intricate phenomenon arises dur-
ing operation at high altitude [7]. Specifically, the tur-
bine speed decays at high altitude instead of increasing,
as occurs during normal engine operation. The coupling
between the turbocharger and the engine dynamics is fur-
ther augmented with transmission and driveline interac-
tions which will be the subject of future work.

8. MODEL-ORDER REDUCTION

In this section we derive a series of local linear models
of low order that capture the mean-value dynamic behav-
ior of the engine. It is easy to see from Fig. 18 that the
dominant dynamics are in the order of cycles and not in
the order of crank angle. As a matter of fact, we would
like to average all the quasi-period crank angle based dy-
namics. Analytically this can be done using singular per-
turbations, but such a rigorous treatment is not currently
available. Developing such analytical techniques is an ac-
tive research topic. Meanwhile, we can process simulation
data using numerical techniques, such as signal processing
and system identification tools. We perform here all the
steps necessary to obtain a low order (3rd order) model
from the original 23rd order that captures the dominant
transient characterization. We call this process numerical
model-order reduction (NMOR), as opposed to analytical
model-order reduction (AMOR).

To develop an input-output model with brake valve
timing, vep, and engine speed, N,, as inputs and torque,
TQep, as output, we run the crank angle based model
with small step changes in v, and N, around a nomi-
nal point. The results are shown in Fig. 19. The third
plot in Fig. 19 shows the event-averaged torque response.
We obtain the cycle-averaged response by processing the
crank angle torque output with a third order Butterworth
filter with a cut-off frequency 7;—0 Hz. We then use the
output error model (oe) in the identification toolbox in
Matlab to estimate a low order model that can approxi-
mate the averaged output torque response (AT Q) based
on the vep step change (Awvep). Fig. 20 shows two differ-
ent approximations, namely, a first order and a third order
approximation. The third order one gives the best approx-
imation, and, in fact, it is hard to distinguish it from the
averaged torque trace. The third order transfer function
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Figure 19: Simulation input/output data and lowpassed out-
put.

is given by:

ATer
A'Ueb

B 0.03952 — 9.631s — 12.82
~0.001s3 + 0.0501s2 + 1.7558s + 1.6417(

37)

Figure 20: Prediction error estimate of an output-error model
using a third order (dashed), and a first order (dashed-dotted)
approximation.

By repeating the procedure with step changes in vep
and N, for several operational points, we obtain a fam-
ily of linear third order models. Note here that a step
up and a step down from the nominal point is required
for the complete characterization of the nonlinear crank
angle based model. Fig. 21 shows the Bode frequency re-
sponse for the linear model for seven degrees step changes
in brake valve timing up and down around wv., = 685°
for N, = 750, 1500, and 2100 RPM. Similarly, we pro-
cess simulation data for ten per cent step changes up and
down around a nominal value for N, for fixed values of
vep and fuel flow, vy. We obtain low-order models and DC
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Figure 21: Bode frequency response of the reduced-order lin-
ear model.

values that we arrange in the plot shown in Fig. 22. Here,
we have combined the fuel flow and the brake valve tim-
ing into one actuator, with positive values on the z axis
representing fuel flow, and negative values representing
brake valve timing. It is important here to note that the
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Figure 22: Generated and absorbed engine brake power plot-
ted versus a unified engine actuator that combines the fuel
flow, vs, and the brake valve timing, ves, into one input signal.

control engineers are using similar techniques to develop
control oriented models when experimental data are avail-
able from engine-dynamometer or vehicle testing. In our
case, an engine with variable brake valve timing is still not
available so we cannot collect data from an experimental
engine. Thus, we use the physics-based crank angle model
to acquire the necessary data. When the physical plant is
still not available, physics-based models with minor cal-
ibration data can supply enough information for system
analysis, feasibility studies, and actuator specification de-
velopment for the initial component design [9].



9. CONCLUSION

The concept of variable valve timing, and its appli-
cation to engine brake for commercial heavy vehicles are
discussed in this paper. Conventional brake mechanisms
have fixed brake valve timing and are typically used as
on-off devices by experienced drivers. An engine retarder
that allows variable braking power can be used in coor-
dination with the service brakes to improve the vehicle
longitudinal stability and controllability. To analyze and
design such an advanced braking system, we first need to
characterize the “new” braking actuator.

To be able to do so, we develop a crank angle based
engine model that describes the intrinsic transient interac-
tions between individual cylinder intake and exhaust gas
processes, turbocharger dynamics, and vehicle dynamics
during combustion and variable compression braking.

The model is fully dynamic and is calibrated using ten
operating points. It is validated using quasi-static experi-
mental data from an engine equipped with a conventional
braking mechanism (fixed brake valve timing and fixed lift
profile).

We modify the structure of the model by introducing
variable brake valve timing (vary the timing with fixed lift
profile). This allows us to use the engine as another full
authority braking mechanism in vehicle speed and cruise
control applications.

Finally, we perform numerical model-order reduction
to obtain a family of low order linear models that can be
used in control design and stability analysis. In future
work, we will concentrate on control design and integra-
tion of the “new” variable compression brake with the
service brakes for use in critical longitudinal maneuvers
[10].
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